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Abstract— This paper presents the design of an optimal
Energy Management Strategy (EMS) for a hybrid vehicle that
starts with a cold powertrain. The cold start negatively affects
the combustion and transmission efficiency of the powertrain,
caused by the higher frictional losses due to increased hy-
drodynamic viscosity effects. The excess fuel consumption of
the engine and the excess power loss of the transmission are
modeled by static relations as a function of the lubrication oil
temperature. The thermodynamics in the powertrain during the
heating period of the powertrain is approximated by a first-
order dynamic model. The main design criterion for the optimal
EMS is the minimization of the overall fuel consumption over
a pre-defined driving cycle. Dynamic programming is used to
find the globally optimal solution for six representative driving
cycles. The results show that the cold start has a significant
impact on the fuel consumption of the hybrid vehicle, yet its
influence on the optimal EMS is negligible.

Index Terms— Automotive, Optimal control, Modeling

I. INTRODUCTION

Hybrid powertrains use a secondary power source to improve
the fuel consumption of the primary power source, which
is usually an internal combustion engine. The secondary
power source is able to store energy from the engine and
to exchange energy with the propelled vehicle. The power
flows between the engine, the secondary power source, and
the vehicle are controlled at powertrain level by an Energy
Management Strategy (EMS), which aims at minimizing the
overall fuel consumption. For the overall EMS design, it
is useful to know the globally optimal solution for a pre-
defined driving cycle, as it provides a benchmark for the fuel
saving potential of the hybrid powertrain and gives insights
in the optimal utilization of the secondary power source [1].
Most EMS designs described in the literature assume that
the hybrid powertrain is already at its operating temperature
at the start of a driving cycle, when the combustion and
transmission efficiencies are already relatively high. The
warm start conditions may be realistic after driving a few
kilometers, but obviously not when the car has been parked
for a few hours.
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A. Cold start conditions

A low powertrain temperature has a negative impact on the
fuel consumption and the transmission efficiency caused by
higher frictional losses in the engine and CVT due to in-
creased hydrodynamic viscosity effects [2]–[4] and the need
of a richer air/fuel mixture to overcome poor combustion
[5]. The impact is especially high in the first few minutes
of the thermodynamic transient and gradually decreases
with increasing temperature [6], [7]. For hybrid vehicles,
this effect holds for a longer time, due to intermittent and
relatively very efficient engine operation [8], [9]. Various
solutions exist to shorten the heating time, e.g., by using an
external heater [6], by using exhaust gas heat [10]–[12], or
by slower heating of the passenger compartment [13]. Hybrid
vehicles can use their energy buffer to shorten the heating
time of the powertrain [14], [15], by extending the design
space of the EMS with an additional temperature state.

B. Approach and outline

This paper designs an optimal EMS for a hybrid powertrain
to investigate the influence of the cold start conditions on
i) the fuel consumption, ii) the fuel saving potential of the
hybrid powertrain, and iii) the associated optimal EMS.
The approach is as follows: the powertrain temperature is
modeled by a first-order model for the relevant heating
range. The excess fuel consumption of the engine and the
excess power dissipation of the transmission are modeled
by temperature-dependent multiplier functions, which
extend the nominal models that are only valid at the
operating temperature. These thermodynamic models, of
which the key modeling coefficients are identified with
test rig experiments, are added to an existing mechanical
hybrid powertrain model. The optimal control problem
is to minimize the overall fuel consumption for a given
driving cycle, subject to the system’s kinematics, dynamics,
and constraints. The problem is numerically solved using
deterministic dynamic programming [16], for both cold and
warm start conditions and a set of six representative driving
cycles.

The outline is given as follows: Section II describes the mod-
eling of the thermodynamics, whereas Section III describes
the modeling of the motion dynamics. Section IV formalizes
the optimization problem. Section V describes the simulation
settings of which the results are discussed in Section VI.
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II. THERMODYNAMIC MODELING

A first-order thermodynamic model of the powertrain tem-
perature is presented for a CVT-based powertrain that is
sufficiently accurate for the main thermodynamic effects
during the heating period. The temperature-dependent fuel
consumption of the engine and the temperature-dependent
power dissipation of the CVT are modeled by static func-
tions. The key modeling coefficients are identified with test
rig experiments.

A. Powertrain temperature

The engine converts a significant part of the fuel power Pf

(i.e., chemical energy flux) into the effective mechanical
power Pe, whereas another part leaves the engine in the
form of exhaust gases Px and convection with the ambient
air Pa. The transmission and clutch transmit the mechanical
power (Pe) with a favorable rotational speed to the drive
shaft (Pd), yet at the expense of frictional and pumping
losses in the transmission Pt and slip losses in the clutch
Pc. The remainder of the power, i.e., Pf − Px − Pa − Pd,
is converted into heat, which is absorbed and distributed by
various heat carrying media in the powertrain. The heater in
the passenger compartment is not explicitly considered in
this model, as it is controlled by the passenger and therefore
not relevant for the EMS design. The considered power
flows are schematically depicted in Fig. 1.

The majority of the overall heat production in the powertrain
is due to combustion and friction of moving parts in the
engine. The combustion heat in the combustion chambers
is mainly absorbed by the coolant, which subsequently,
exchanges this heat with other media such as the lubrication
oils of the engine and transmission, and the metal parts of
the powertrain. During the powertrain heating period, the
coolant temperature is higher than that of the lubrication
oils (see, Fig. 4), so that heat is distributed from the
coolant to the lubrication oils (i.e., the coolant is heating).
When the coolant is sufficiently heated (around 80◦ C),
the thermostat opens and starts with active control of the
coolant temperature, after which the heat is distributed
from the lubrication oils to the coolant (i.e., the coolant is
cooling). Eventually, the engine oil temperature reaches an
equilibrium around 90◦ C-110◦ C due to the relatively high
friction losses, whereas the transmission oil temperature
reaches an equilibrium close to the coolant temperature
around 80◦ C-90◦ C, due to the relatively low losses under
normal driving conditions.

Each thermodynamic process within and between heat car-
rying media acts at a different time scale, for which detailed
thermodynamic models are described in [17]–[19]. For the
design of the EMS, however, it is sufficient to describe the
heating of the engine oil ϑe and the transmission oil ϑt at the
time scale of several minutes. The relevant temperature range
is limited to the range between the ambient temperature ϑp
and the (minimum) operating temperature ϑp for which the
temperature has negligible influence on the fuel consumption
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Fig. 1. Schematic overview of the main thermodynamic effects within a
CVT-based powertrain.

and transmission losses. As a first order approximation, it
is assumed that for the relevant temperature range, i) the
thermostat is closed, so the radiator can be neglected, and
ii) the engine oil and transmission oil temperatures have
approximately the same temperature, since both oils are
heated by the same coolant, so it is sufficient to model one
overall powertrain temperature ϑp, i.e.,

ϑp ≈ ϑe ≈ ϑt ϑp ∈ [ϑp, ϑp] (1)

Neglecting the radiator, the thermodynamics can be de-
scribed with one lumped heat capacity for the powertrain
as in [20], by

ϑ̇p(t) =

{
Pf (t)−Px(t)−Pd(t)−Pa(t)

Cp
if ϑp(t) < ϑp,

0 if ϑp(t) = ϑp
. (2)

The effective heat capacity of the powertrain Cp = mpcpch,
is a function of the powertrain mass mp, its specific heat
coefficient cp, and a heating coefficient 0 < ch ≤ 1. The
heating coefficient corrects for the faster heating of the
lubrication oils than that of other media in the powertrain
such as the metal housing, and is experimentally identified
in the sequel. The fuel power Pf depends on the operating
point (i.e., speed and torque) of the engine and the powertrain
temperature, as will be described in the sequel. The exhaust
gas heat is approximated by a fraction of the fuel power,
which linearly decreases with the engine speed ωe, i.e.,
Px = (cx,1 − cx,2ωe)Pf , where cx,1 and cx,2 are constant
coefficients as described in [21]. The drive shaft power equals
the mechanical power produced by the engine minus the
transmission and clutch losses, i.e., Pd = Pe − Pt − Pc.
The convective heat transfer to the ambient air is modeled by
Pa = caAa(ϑp−ϑp), where ca is the heat transfer coefficient
to the ambient air and Aa the active heat-exchange area. The
set of realistic parameters is listed in Table I.

B. Temperature-dependent fuel consumption

The nominal fuel consumption (in terms of power) P nom
f

for an internal combustion engine running at its operat-
ing temperature is commonly described by its mechanical
efficiency ηe(ωe, τe), as a static function of its rotational
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speed ωe and generated torque τe, so P nom
f = Pe/ηe. The

temperature-dependency of the fuel consumption, caused
by hydrodynamic viscosity effects between moving parts,
can be modeled by extending the nominal fuel consump-
tion model using a multiplier function as in [8], so that
Pf = µe(ϑp)P nom

f . The multiplier µe as a function of the
powertrain temperature ϑp is modeled by

µe(ϑp) =

{
1 + ce,1(ϑp − ϑp)ece,2(ϑp−ϑp) if ϑp < ϑp,

1 if ϑp = ϑp
,

(3)

where ce,1 and ce,2 are constant coefficients to be identified
with the experiments as described next.

C. Temperature-dependent transmission losses

The transmission efficiency of a CVT running at its operating
temperature is commonly described by the nominal power
dissipation P nom

t , as a static function of the speed, torque,
and speed ratio. For a hydraulically actuated CVT, the
power dissipation increases with lower operating tempera-
tures, caused by hydrodynamic viscosity effects in the pump
and between moving parts. The temperature-dependency of
the power dissipation can be modeled by extending the
nominal power dissipation model using a multiplier function
as in [8], similar to the fuel consumption model, so that
Pt = µt(ϑp)P nom

t . The multiplier µt as a function of the
powertrain temperature ϑp is modeled by

µt(ϑp) =

{
1 + ct,1(ϑp − ϑp)ect,2(ϑp−ϑp) if ϑp < ϑp,

1 if ϑp = ϑp
,

(4)

where ct,1 and ct,2 are constant coefficients to be identified
with the experiments as described in the sequel.

D. Coefficient identification

The coefficients ch, {ce,1, ce,2}, and {ct,1, ct,2}, for,
respectively, the models given by (2), (3), and (4), are
identified with experiments on two dedicated test rigs. The
experiments for the powertrain temperature and the excess
fuel consumption are performed on a test rig equipped
with a gasoline 2.0-L spark ignition internal combustion
engine in series with a mass-produced pushbelt CVT and an
Eddy current brake, as described in [22]. The throttle valve
position, the CVT speed ratio, and the brake torque are
controlled to track the NEDC. The clutch remains engaged
during the experiments, mainly for practical reasons, which
has a negligible influence on the oil temperature and fuel
consumption, since the generated engine power remains the
same. Two experiments are performed, starting with a cold
powertrain of 20◦ C and starting with a warm powertrain of
90◦ C.

The experiments for the excess power dissipation in the
transmission are performed on a test rig equipped with
a mass-produced pushbelt driven CVT mounted between
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Fig. 2. The excess fuel consumption of the engine (µe) as a function of
the lubrication oil temperature (ϑp).
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Fig. 3. The excess power dissipation of the transmission (µt) as a function
of the lubrication oil temperature (ϑp).

two electric machines, as described in [23]. The speed and
torque of the electric machines as well as the speed ratio of
the CVT are controlled to resemble the operating conditions
of four constant vehicle velocities of 30 km/h, 50 km/h,
80 km/h, and 120 km/h. The experiments are performed
for different temperatures of the transmission oil ranging
between 30◦ C and 80◦ C.

Figs. 2 and 3 show, respectively, the measured multiplier
functions for the fuel consumption µe and the transmission
loss µt, together with their simulated values using (3)
and (4). The fuel consumption multiplier (µe) is corrected
for the (implicit) excess power dissipation in the CVT, to
isolate the effects of each contribution. The coefficients
ce,1, ce,2, ct,1 and ct,2 are obtained with least-square
fits through the experimental data. It is observed that
the excess fuel consumption becomes negligible for oil
temperatures above 80◦ C. The operating temperature of
the CVT is mainly determined by the thermostat-controlled
temperature of the coolant, which is also close to 80◦ C.
So, the (minimum) operating temperature, for which the
temperature has negligible influence on the fuel consumption
and transmission losses, is determined at ϑp = 80◦ C. Using
these identified coefficients, a good resemblance is found
between the simulations and experiments.

Fig. 4 shows the measured coolant and oil temperatures

454



time [s]

ϑ
p

[◦
C

]

 

 

0 200 400 600 800 1000

20

40

60

80

100

coolant (experiment)
oil (experiment)
oil (simulation)

thermostat opens

relevant temperature
range

Fig. 4. The coolant and lubrication oil temperature of the engine as a
function of time for the NEDC.

TABLE I
THERMODYNAMIC MODEL PARAMETERS

parameter value unit description

ϑp 20 ◦ C ambient temperature
ϑp 80 ◦ C operating temperature
mp 180 kg powertrain mass
Aa 2.60 m2 powertrain surface
ca 10 W/m2K powertrain heat transfer coefficient
cp 630 J/kgK powertrain specific heat coefficient
ch 0.62 - powertrain heating coefficient
ce,1 3.4 1/kK fuel consumption coefficient
ce,2 16 1/kK fuel consumption coefficient
ct,1 4.2 1/kK transmission loss coefficient
ct,2 7.5 1/kK transmission loss coefficient
cx,1 0.42 - exhaust gas fraction coefficient
cx,2 20 s/krad exhaust gas fraction coefficient

of the engine for the NEDC, as well as the simulated oil
temperature using (2). The operating temperature (ϑp =
80◦ C) is reached shortly after the thermostat opens, so
the influence of the radiator is almost negligible during the
heating period. As a result, the simulation and experiment
resemble quite well for the relevant temperature range, where
the powertrain heating coefficient ch is identified with a
least-square fit through the experimental data. The identified
coefficients are listed in Table I.

III. HYBRID POWERTRAIN MODEL

The topology of the mechanical hybrid powertrain is
schematically depicted in Fig. 5. The main components are
a 1.5-l gasoline internal combustion engine, a compact 150-
kJ flywheel system, three clutches, a pushbelt CVT, and a
compact passenger vehicle including 2 passengers with a
total mass of 1120 kg. The modeling of the hybrid powertrain
is extensively described in [24] and shortly summarized in
the sequel. The longitudinal (motion) dynamics are described
for the most relevant inertias, i.e., that of the flywheel and the
vehicle. The transmission clutch (Ct) is used to accelerate
the vehicle (or, flywheel) from standstill, by transmitting high
torques while slipping. The engine clutch (Ce) and flywheel
clutch (Cf ) are used to (dis-)engagement of powertrain parts,
in order to select one of the relevant driving modes φ:

• Flywheel driving: the flywheel system propels or brakes
the vehicle while the engine is shut-off (φ = 1).

Ce 

Cf 

Ct 

vv 

av τe 

Pf 

engine 

CVT 

rotor 

flywheel system 

wheels 

gears 

clutches 

Fig. 5. The mechanical hybrid powertrain topology, which consists
of an internal combustion engine, flywheel system, continuously variable
transmission, and three clutches.

• Hybrid driving: the engine propels the vehicle while
energizing the flywheel system (φ = 2).

• Engine driving: the engine propels the vehicle while the
flywheel system is idling, or the flywheel system brakes
the vehicle while the engine is idling (φ = 3).

Physical constraints apply to the torques, the rotational
speeds, and the speed ratio of the CVT, whereas comfort-
related constraints apply to driving modes and driving mode
switches that are expected to be uncomfortable, which de-
pend on the driving conditions.

IV. OPTIMIZATION

The thermodynamics and the energy dynamics of the hybrid
powertrain are combined in one dynamic model function f ,
using a simple forward Euler scheme with a fixed time step
of ∆t = 1 s and time index k, i.e.,

x(k + 1) = x(k) + f(x(k), u(k), w(k))∆t, (5)

where the state vector x(k) contains the kinetic energy in
the rotor of the flywheel system Er(k), the previous driving
mode φpre(k) = φ(k − 1), and the powertrain temperature
ϑp(k). The control variables u(k) are the current driving
mode φ(k) and the relative power split σ(k) in the hybrid
driving mode, where σ(k) = 0 implies no flywheel ener-
gizing and σ(k) = 1 implies maximal flywheel energizing.
The external variable vector w(k) contains the vehicle speed
vv(k) and the acceleration, which are prescribed by the
driving cycle. The optimal control objective is to minimize
the overall fuel consumption, over a prescribed driving cycle
of length kn, given by

min
u(k)

kn∑
k=0

Pf(x(k), u(k), w(k))∆t, (6)

subject to the kinematics, dynamics, the physical operating
limits, and comfort-related constraints described in [24].
There is no final state constraint for energy sustenance, as
the flywheel system can only store energy for a relatively
short term. Dynamic programming is used to find the global
optimal solution [16], which is a numerical method that is

455



TABLE II
SIMULATION SETTINGS

# setting initial states x(0) driving mode space

1 conventional, cold [3, 0, ϑp]
T φ = 3

2 conventional, warm [3, 0, ϑp]T φ = 3
3 hybrid, cold [1, 0, ϑp]

T φ ∈ {1, 2, 3}
4 hybrid, warm [1, Er/2, ϑp]T φ ∈ {1, 2, 3}

very suitable to deal with the switched non-linear powertrain
dynamics and the relatively many constraints.

V. SIMULATIONS

The fuel saving potential of the hybrid powertrain is com-
puted with respect to its conventional (non-hybrid) counter-
part. To isolate the fuel saving effects of only the flywheel
system from that of other powertrain components, the same
powertrain model is used, except for the flywheel system
mass of 27 kg, and the possibility of flywheel driving and
hybrid driving. These powertrains are evaluated using the
following simulation settings:

1) Conventional powertrain: the driving mode is restricted
to engine driving φ = 3, whereas the power split is
redundant.

2) Hybrid powertrain: the driving mode and the relative
power split are not restricted, so φ ∈ [1, 3] and σ ∈
[0, 1].

Two different start conditions are investigated. The cold start
conditions represent the situation when the vehicle has been
parked for a few hours, so the powertrain is at its ambient
temperature and the flywheel is stationary. The warm start
conditions represent the situation when the vehicle has been
parked for only a few minutes, so the powertrain is still at
operating temperature, whereas the flywheel is still spinning.
The two situations are evaluated using the following combi-
nations for the initial states:

1) Cold start: the flywheel is stationary (Er(0) = 0), the
powertrain starts in the engine driving mode (φ(0) =
3), and the powertrain temperature equals its ambient
temperature (ϑp(0) = ϑp);

2) Warm start: the flywheel contains 50% of its capacity
(Er(0) = Er/2), the powertrain starts in the flywheel
driving mode (φ(0) = 1), and the powertrain is at its
operating temperature (ϑp(0) = ϑp).

The four simulation settings are summarized in Table II.
Each simulation is performed for six representative driving
cycles, which are the New European Driving Cycle (NEDC),
the Federal Test Procedure ’75 (FTP75), the Japan Cycle 08
(JC08), the “low”, “medium”, and “high” parts of the World-
wide harmonized Light vehicles Test Procedure (WLTP),
the “urban” part of the Common Artemis Driving Cycle
(CADC), and the sportive Eindhoven driving cycle (EHV).

VI. RESULTS & DISCUSSION

A. Fuel consumption
Fig. 6 shows the impact of the cold start conditions on the
fuel consumption of both the hybrid and conventional power-
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Fig. 6. The impact of the cold start conditions on the fuel consumption
(top) and on the fuel saving potential of the hybrid powertrain (bottom),
evaluated for six driving cycles.

train in the top graph, and on the fuel saving potential of the
hybrid powertrain with respect to the conventional powertrain
in the bottom graph. The cold start has a significant impact
on the fuel consumption for the conventional powertrain
(5.0% − 12.0%) and even a higher impact for the hybrid
powertrain (8.9%−29.4%) due to the intermittent and solely
efficient engine operation. As expected, the highest fuel
saving potential is observed with the warm start (20.2% −
40.6%), especially for the three urban driving cycles (EHV,
JC08, and CADC) that contain many fuel saving possibilities
(32.6%−40.6%). The three other driving cycles show a lower
fuel saving potential, due to the highway parts for which the
conventional powertrain is already efficient (20.2%−24.8%).
Despite the significant impact of the cold start conditions
(3.5% − 9.2%), the optimally controlled mechanical hybrid
powertrain still has a relatively high fuel saving potential of
between 14.7%−31.4%, which depends on the driving cycle.

B. Energy management strategy

Fig. 7 shows, respectively, from top to bottom, the vehicle
velocity (vv), driving mode (φ), the relative power split
(σ), the kinetic flywheel energy (Ef ), and the powertrain
temperature (ϑ). As expected, the hybrid powertrain has a
significantly longer heating time (30%) compared to the
conventional powertrain due to intermittent and efficient
engine operation (see, ϑp). The initially stationary flywheel
restricts the hybrid powertrain with the cold start conditions
to engine driving for the first 160 s (see, φ), until sufficient
brake energy is recuperated to enable the other driving
modes. After this initialization, the flywheel energy (see,
Er) converges to the same trajectory as for the warm start
conditions. This behavior is observed for all driving cycles
and shows that the cold powertrain temperature has a
negligible influence on the optimal EMS.

The overall fuel consumption can be improved by faster
heating of the powertrain, in order to reduce the excess fuel
consumption and excess transmission loss. Faster heating,
however, can only be realized by temporary decreasing the
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Fig. 7. Results for the NEDC. (Top to bottom) The velocity of the vehicle
(vv), the driving mode (φ), the relative power split (σ), the kinetic flywheel
energy (Er), and the powertrain temperature (ϑ).

mechanical efficiency, which is not effective to reduce the
overall fuel consumption, or by temporary increasing the
engine power by using the energy buffer, so that the CVT
efficiency increases before the stored energy is transmitted
through the CVT. The latter effect may be advantageous
when using a large energy buffer, yet not for the relatively
small energy storage capacity (150 kJ) of the mechanical-
hybrid powertrain. As a result, the energy buffer is used
similarly as with the warm start (see, Er), where the excess
power loss of the CVT is compensated by slightly prolonging
the hybrid mode (see, φ) and altering the relative power split
in this mode (see, σ). Based on these insights, the tempera-
ture state can be eliminated from the state space, which sub-
stantially simplifies the design of a real-time implementable
EMS. The impact on other temperature-dependent criteria
such as exhaust gas emissions and acceleration performance
are interesting topics recommended for further investigation.
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